The impact of refrigeration systems on the environment can be reduced by (a) the use of alternative refrigerants which are less harmful to the environment and (b) the optimization of systems and control strategies to deliver increased levels of energy ef ciency. Mathematical modelling offers the opportunity to test the performance of systems under different operating conditions and with alternative refrigerants. Dynamic models allow comparison of both transient and steady state behaviour and this is of particular importance for liquid chillers since these systems can operate under transient conditions for long periods. This paper covers the development of a general dynamic model for the simulation of liquid chillers. Brief descriptions of the system component models are given, including a semihermetic reciprocating compressor and thermostatic expansion valve as well as a shell-and-tube evaporator and condenser. The paper demonstrates the application of the model to simulate the performance of a liquid chiller retro tted with a range of alternative refrigerants. The performance of the system is determined in terms of cooling capacity, power consumption and coef cient of performance for a range of different operating conditions. The relative performance of each refrigerant is discussed and the preferred alternative identi ed for typical applications.
with less harmful refrigerant uids and increased energy ef ciency. The world market for refrigerants has been dominated by the halogenated hydrocarbon chemical family. These chemicals are available at low cost and are highly stable with good thermophysical properties, low toxicity and compatibility with common lubricants [1] . However, the stability of these materials also leads to a damaging effect on the stratospheric ozone layer when released into the environment.
Theoretical assessment of alternative refrigerants and system optimization can be carried out using a validated mathematical model. Dynamic models allow examination of both steady state and transient performance and this is of particular importance as the operation of many refrigeration systems and chillers is transient in nature [2] .
A number of studies have detailed the steady state performance of refrigeration systems with alternative refrigerants [3, 4] . A large number of mathematical models have been developed for vapour compression refrigeration and heat pump systems although the bulk of these have been steady state treatments [2] . Domanski and Didion [5] presented a performance evaluation of a number of alternative refrigerants operating in a residential heat pump using a steady state model. Literature detailing liquid chiller models is more limited.
This paper presents the development of a dynamic model for the simulation of a liquid chiller and investigates the steady state and dynamic performance of chillers operating with R22 and alternative refrigerants.
MATHEMATICAL MODEL

Heat exchanger models
The modelling technique used for the two heat exchangers was based on the fundamental equations describing the laws of conservation for physical systems. The principle of the conservation of mass can be written
where the expression represents unsteady, one-dimensional mass conservation for a compressible uid. The principle of the conservation of energy for a compressible uid in one dimension can be given by
The refrigerant, heat exchanger wall and coolant zones were divided into a series of discrete control volumes and the conservation equations applied to each volume. Note that, for the coolant, the assumption of incompressibility eliminates the need for a mass ow or density equation and, similarly, there is no requirement for a density equation for the solid wall.
The conservation equations can then be integrated with respect to time and distance over each control volume to produce the discretized form of each equation [6, 7] . For the control volume illustrated in Fig. 1 , the discretized implicit form of the refrigerant mass conservation equation becomes
For the conservation of energy, the discretized equation for the refrigerant is as follows:
The upwind scheme can be used to approximate the enthalpy terms at the control volume interfaces by values 
The conservation of energy equation for the heat exchanger wall is
An iterative approach is used to determine the heat exchanger pressure by comparing the outlet mass owrate with a boundary condition. The solution process begins with an estimated heat exchanger inlet pressure. The refrigerant, coolant and wall equations are then solved for each control volume using an iterative process. Once the equations have converged, the refrigerant outlet mass owrate is determined and compared with the target value provided as a boundary condition. The inlet pressure is modi ed and the process repeated until the two values converge to within a prescribed tolerance. The simulated refrigeration system used shell-and-tube heat exchangers for both the evaporator and condenser, with refrigerant owing on the shell side in the condenser and on the tube side in the evaporator. For the condenser, the refrigerant was assumed to ow vertically through the cooling tubes while the coolant ows horizontally through the coolant tubes. In the evaporator, the shell contains segmental baf es which introduce a cross-ow pattern to the coolant ow path.
For the condenser, the heat transfer coef cients are given by the Dittus-Boelter equation [8] for the tube side and from equations by Zhukauskas [9] , and Dhir and Leinhard [10] for the shell side. For the evaporator, the shell side heat transfer coef cient is calculated using the Bell-Delaware method [11] . The tube side heat transfer coef cients are calculated from modi ed Dittus-Boelter equations [12] . Pipework and pipe tting pressures losses are calculated by equations from Butterworth [13] for single-phase ow and by the Friedel [14] correlation for two-phase ow. For the condenser, refrigerant ow is contained within the shell and the pressure drop across the unbaf ed tube bundle is very low and is therefore assumed to be negligible. Entry and exit losses to the shell are calculated as pipe tting pressure losses. The refrigerant ows through an annulus formed by two concentric tubes in the evaporator and ow velocity is high, resulting in signi cant pressure losses. The Friedel [14] correlation is used to calculate these losses.
Expansion valve model
The simulation used an externally equalized thermostatic expansion valve (TEV) as the refrigerant ow control device. The remote phial is the key component in the operation of the TEV and this was modelled in detail. The zones modelled are shown in Fig. 2 . The temperature of each zone was modelled using the rst law of thermodynamics. For the evaporator outlet wall, the following equation was developed for the temperature, given the temperature at the previous time step and using the simple Euler method: Similar equations were developed for the phial wall and the enthalpy of the phial refrigerant charge. The temperature and vapour pressure of the refrigerant charge can be found from the enthalpy and the refrigerant density in the remote phial. The heat transfer coef cients for the evaporator outlet tube wall are calculated from equations given by Rohsenow et al. [15] and Kays and Crawford [16] for the heat transfer from the suction vapour and by Churchill and Chu [17] for the heat transfer to the surrounding air. For the remote phial wall, heat transfer to the phial refrigerant charge is given by Evans and Stefany [18] and Churchill and Chu [17] for the heat transfer to the surrounding air.
The ori ce area was found using a force balance across the pressure diaphragm. At equilibrium, the force exerted by the remote phial must be equal to the combined forces of the evaporator outlet pressure and the superheat spring. The resulting spindle position is translated into an ori ce area by a constant which represents the relationship between the spindle and the ori ce area. The mass owrate through the ori ce area is then calculated using the Bernoulli equation for ow through an ori ce plate.
Compressor model
A dynamic model of a semihermetic reciprocating compressor was developed. The model was based on the application of the rst law of thermodynamics to a number of discrete regions of the compressor (Fig. 3 ). The regions are then modelled as lumped parameter volumes in which spatial variations are neglected. For an open system, the rst law for unsteady ow with a uniform state may be approximated by
where the control volume density is assumed to be constant, the work associated with the time rate of change of pressure is neglected and the energy is expressed in terms of enthalpy. This equation is used to determine the suction and discharge chamber enthalpy. The heat transfer coef cient from the suction chamber to the shell is calculated using the Dittus-Boelter equation [8] . The Sieder-Tate equation [19] is used for the heat transfer from the discharge chamber to the shell. The heat transfer from the shell to the surrounding air is calculated using the equation given by Churchill and Chu [17] .
The compression process is modelled by the isentropic compression of refrigerant vapour from the inlet pressure to the outlet pressure. The resulting enthalpy increase is then modi ed by the isentropic ef ciency to account for irreversibilities such as friction, pressure losses across the valve and cylinder wall heat transfer. The isentropic ef ciency is calculated from temperature and pressure measurements at the compressor suction and discharge ports [20] :
The compressor mass owrate is determined by the compressor speed and the cylinder displacement, modied by the volumetric ef ciency. Temperatures are also calculated for the suction and discharge chamber shells 
The volumetric ef ciency is calculated from the equation [21] Z volˆa ctual volume displacement volume …11 † using manufacturer's performance data [22] .
System model
The refrigeration system was modelled by linking the four component models to pass system conditions from one to another. The refrigerant state and the mass owrate were used as input and output parameters to each component. The system model also handled userspeci ed information such as initial conditions and simulation time. The system performance was calculated in terms of cooling capacity, heat rejection, compressor power and coef cient of performance (COP) and these data were exported to a le for analysis.
ALTERNATIVE REFRIGERANTS TO R22
Four alternative refrigerants to R22 were investigated: R404a, R507a, R407c and R134a. All the alternatives are suitable for operation across the full range of R22 applications, except R134a which has a normal boiling point of ¡26.07°C [23] and is not generally used in applications requiring refrigerant evaporating tempera-tures below ¡20°C. Table 1 shows some thermophysical properties of R22 and the alternative refrigerants.
Although all the alternative refrigerants feature zero ozone depletion potential (ODP), it is interesting to note that R404a and R507a both possess considerably greater global warming potential (GWP) than R22. R134a has a high critical temperature and normal boiling point and this leads to relatively low pressures in comparison with R22 and the other alternatives. This effectively limits R134a to applications with higher evaporating temperatures. R404a and R507a both have low critical temperatures and normal boiling points and this results in relatively high pressures in comparison with R22. R407c is a high temperature glide mixture and features normal boiling points and pressures which are similar to R22.
Comparison of the relative saturated vapour densities shows that R134a will deliver considerably lower mass owrates than R22. The latent heat of R134a is similar to that of R22 and therefore this reduced mass owrate will lead to lower cooling capacities. R407c possesses both vapour density and latent heat properties which are very similar to those of R22 and consequently cooling capacities will be close to those for R22. R404a and R507a display large vapour densities relative to R22. However, both refrigerants also feature reduced latent heats which act to limit any potential gains in cooling capacity delivered by increased mass owrates.
MODEL VALIDATION
Steady state prediction
The system model was used to predict the steady state performance of a water-to-water chiller using refrigerant R22. The results were compared with experimental measurements taken from a laboratory test rig. Figure 4 shows the experimental and predicted results for the system cooling capacity, where cooling capacity is calculated from a heat balance applied to the coolant. Experimental data points are shown together with trend lines for condenser coolant outlet temperatures between 30 and 40°C. The model is able to predict the steady state cooling capacity to within §0.75 kW across this range of data.
Both the simulation and the experiments show an increase in cooling capacity with evaporator coolant temperature. This is due to the increase in refrigerant vapour density brought about by an increase in evaporator temperature and leading to increased system mass owrates. The model and experiments also show that the cooling capacity increases as the condenser water temperature is decreased. This is a result of the reduction in condenser refrigerant temperature and pressure leading to lower enthalpy at the condenser outlet and evaporator inlet and therefore an increase in the evaporator refrigerating effect. Figure 5 shows the compressor power input against a range of evaporator and condenser coolant temperatures. The model is able to predict the experimental values to within §0.5 kW. Power consumption increases with evaporator temperature as the refrigerant density increases and the mass owrate through the compressor is raised. The power requirement also increases with condenser temperature owing to the increased pressure ratio and compressor discharge enthalpy.
The experimental and predicted COP values for steady state performance are shown in Fig. 6 . The model predicts the experimental values to within §0.3. COP is shown to increase with evaporator temperature as the pressure ratio and compressor power consumption are reduced. The COP decreases with condenser temperature as the pressure ratio and power consumption are increased and the cooling capacity is decreased.
Start-up prediction
The model was then used to simulate the dynamic startup performance of a water-to-water chiller using R22. Figure 7 shows the experimental and predicted pressure responses. Note that the pressures in the evaporator and condenser represent the mean of the heat exchanger inlet and outlet values. The initial values show that the experimental condenser and evaporator pressures were not equal to the initial pressures given by the model. This may be attributed to a small discrepancy in the experimental and model ambient temperatures. The effect of this is to overpredict both heat exchanger pressures during the start-up transient response with the overprediction decreasing as the system approaches steady state conditions. The model also predicts a faster convergence to the steady state than the experimental data.
The model predicts an initial period of rapid increase in condenser pressure and rapid decrease in evaporator pressure. Although the experimental results also show rapid pressure responses, the model overpredicts the initial condenser pressure increase followed by a sharp decline which is not seen experimentally. In both the experimental data and the model results, this period of rapid pressure change followed by a more gradual development of steady state conditions is a function of the TEV. The initial rapid pressure changes are caused by the compressor drawing refrigerant mass from the evaporator into the condenser with the TEV remaining closed. Large pressure changes result since no refrigerant mass ows from the condenser to the evaporator. At some point, depending on the valve superheat spring setting, the valve opens as a result of the declining evaporator pressure and refrigerant from the condenser ows into the evaporator. The heat exchanger pressures then undergo a period of more gradual change as the valve remote phial temperature converges with the evaporator outlet temperature and steady state conditions are approached. Figure 7 appears to indicate that the valve model responds with a more sudden and larger initial mass owrate on opening than that shown in the experimental results and this leads to the peak in condenser pressure not seen experimentally. Further work is required on the TEV model in order to reproduce the more gradual response shown in the experimental data.
The experimental and predicted coolant temperatures are shown in Fig. 8 . The simulated condenser outlet temperature is shown to follow the experimental data after predicting a peak at 20 s in the same way as the condenser pressure. The predicted evaporator temperature is shown to model the experimental values closely. The system cooling capacity and heat rejection were calculated using heat balances applied to the coolant in each heat exchanger. The accuracy of the system performance prediction was therefore dependent on the ability of the model to predict the coolant outlet temperatures.
Error and sensitivity analysis
An error analysis was carried out to obtain some measure of the uncertainty in the measurements taken from the test rig. Readings for temperature, pressure, mass owrate and power consumption were analysed together with the system performance measures derived from these values.
For typical operating conditions, the measurement accuracies were determined. For the evaporator, the uncertainties were §2 per cent for the coolant mass owrate, §0.8 per cent for the coolant inlet temperature, §1.3 per cent for the coolant outlet temperature and §0.18 per cent for the pressure. For the condenser, the uncertainties were §2 per cent for the coolant mass owrate, §0.3 per cent for the coolant inlet temperature, §0.2 per cent for the coolant outlet temperature and §0.18 per cent for the pressure. The uncertainty for the compressor power input was §0.2 per cent.
The system performance is measured in terms of cooling capacity, power consumption and COP. The uncertainty in the calculated cooling capacity and COP was determined both as an upper bound on the error and, more realistically, with the errors in temperature readings taken as random and independent [24] . For the cooling capacity, the uncertainty was §6.5 per cent (upper bound) and §3.0 per cent (random and independent errors). For the COP, the uncertainty was §6.7 per cent (upper bound) and §6.5 per cent (random and independent errors).
By way of example, taking a typical set of operating conditions, for a cooling capacity of 21.5 kW, the measurement uncertainty has an upper bound of §1.4 kW, and a more realistic uncertainty of §0.6 kW given the assumption of random and independent temperature errors. Steady state validation shows that the model is able to predict the experimental data to §0.75 kW which compares favourably with the experimental data measurement accuracy. Similarly, for a COP of 3.31, the measurement uncertainty is §0.22 for both the upper bound and with the assumption of random and independent temperature errors. This can be compared with the steady state validation which shows that the model predicts the experimental data to §0.3.
The power consumption compares less well with a measurement uncertainty of §0.01 kW for power consumption of 6.5 kW. The model is able to predict power consumption to §0.5 kW which shows that there is some room for improvement in model accuracy for this parameter. The Dittus-Boelter equation used for the prediction of heat transfer in the evaporator can produce errors as large as 25 per cent [25] . A sensitivity analysis was carried out to examine the effects of under-and overprediction of the heat transfer coef cient. The cooling capacity, power consumption and COP were predicted using 85 and 115 per cent of the heat transfer coef cient given by the Dittus-Boelter equation. The maximum differences in the predicted system performance were 0.5 per cent for cooling capacity, 0.4 per cent for power consumption and 0.6 per cent for COP.
SIMULATED PERFORMANCE OF ALTERNATIVE REFRIGERANTS
The performance of the system using a number of alternative refrigerants to R22 was investigated. The results using R22 were used to provide baseline performance data and these were then compared with results for refrigerants R407c, R404a, R507a and R134a. The operating conditions were selected to allow examination of the relative performance of refrigerants in two application areas: high-temperature refrigeration, characterized by refrigerant evaporating temperatures in the region of ¡10°C, and air conditioning, with a typical evaporating temperature of 0°C. Simulations for R134a were restricted to evaporator coolant temperatures equal to or above 0°C owing to its high normal boiling point.
Cooling capacity
The system cooling capacities for all ve refrigerants across a range of evaporator temperatures at a condenser coolant outlet temperatures of 30 and 40°C are shown in Figs 9 and 10. For R134a, the curves show the system with a retro tted compressor delivering twice the volumetric owrate. This increases the system mass owrate and enables comparison of R134a at approximately the same cooling capacity as the other refrigerants. All refrigerants display a linear increase in cooling capacity with evaporator coolant outlet temperature and a decrease with increasing condenser temperature. This is due to the increase in system mass owrate and the increase in condenser pressure respectively.
The cooling capacity for R134a using the larger compressor is approximately 8-15 per cent greater than that for R22 with the original compressor. This is attributable to the larger displacement of the replacement compressor which leads to a higher system mass owrate for R134a. R407c generates between 65 and 99 per cent of the R22 capacity, with the lower relative performance at lower evaporator and higher condenser temperatures.
R404a produces cooling capacities in the range 93-101 per cent of R22. The maximum values are found at the lowest condenser temperature of 30°C. There is no signi cant variation in the performance relative to R22 at different evaporator temperatures and, generally, R404a produces cooling capacities which are slightly lower than R22. R507a displays cooling capacity performance similar to that for R404a but with slightly larger cooling capacities across the full range of evaporator outlet temperatures. Cooling capacities are between 94 and 102 per cent of R22 for condenser temperatures of 30-40°C.
Power consumption
The compressor power consumption for condenser coolant outlet temperatures of 30 and 40°C is shown in Figs 11 and 12 . The power consumption is shown to
Proc Instn Mech Engrs Vol 215 Part A increase linearly with evaporator coolant outlet temperature and increased condenser temperature owing to increased mass owrate and pressure ratio respectively. R134a generates power consumption in the range 123-140 per cent of that for R22, using a compressor with twice the volumetric displacement. Refrigerant R407c produces power consumption in the range 91-105 per cent of R22. The power consumption for a system charged with R404a is greater than R22 for all operating conditions tested, ranging from 109 to 127 per cent of that of R22. The power consumption for R507a is generally in the range from 115 to 120 per cent of that of R22 with a minimum of 114 per cent and a maximum of 121 per cent. Figures 13 and 14 show the system COP. The COP is shown to increase linearly with evaporator outlet temperature and to decrease as the condenser temperature is increased owing to the resulting change in the pressure ratio.
Coef cient of performance
The COP of R134a ranges from 82 to 89 per cent of that of R22 for the system using the compressor with 
CONCLUSIONS
A detailed dynamic model of a liquid chiller has been developed. The evaporator and condenser are modelled using a distributed parameter technique to allow detailed investigation of the system behaviour. The compressor is modelled using a 'lumped' parameter approach and the expansion valve is simulated by a simple ori ce ow A series of steady state performance simulations were carried out for a range of refrigerants. The results show that the cooling capacity of R22 is greater than that of the alternative refrigerants, with the exception of R134a which requires a larger displacement compressor. The alternative refrigerants generally require more power than R22 although R407c consumes marginally less power at low evaporator temperatures. Refrigerant R22 displays the highest COP with all the alternatives producing signi cantly lower values.
It can be concluded that, for typical air-conditioning applications, the model indicates that R407c is the preferred alternative to R22, with R134a an option at lower evaporating temperatures, although this would require a replacement compressor in order to produce comparable cooling capacities. R407c has a high glide temperature which can lead to composition changes after leakage and may require some valve adjustment.
For high temperature refrigeration, R404a and R507a both outperform R407c and these are the preferred refrigerants. There is little performance difference between R404a and R507a over this temperature range. Both R404a and R507a generate higher condenser pressures than R22 and this may require some modi cations to existing equipment. 
